Introduction
Disc brake noise is an ongoing problem for the automotive industry. Brake noise is perceived by customers as both annoying and an indication of a problem with the brake system. In most cases, this type of noise has little or no effect on the performance of the brake system. However, its perception dramatically affects quality and satisfaction ratings as well as warranty costs. This is the reason why the automotive industry is looking for ways to control it. 1 Considerable effort has been directed at investigation and reduction of disc brake noise. Most of this work has been performed on problem brake systems whose design is finalized (Triches et al., 2002) . In these cases, the only solution available is the application of noise control methods. As a consequence, add-on noise control treatments have become a very common technique in reducing the brake noise problem. However, the application of these treatments is sometimes regarded as an iterative procedure, where the effects of a huge matrix are evaluated on a structure experimentally.
In most cases, the iterative procedure to select an appropriate noise control treatment for brake noise problems involves the use of an inertial brake dynamometer. This procedure, however, is costly and time consuming, because of the interaction between the properties of damping materials (i.e. loss factor and shear modulus) and the resonant response of the brake assembly (shoe and lining, rotor and caliper).
In contrast, the design of effective noise control modifications to reduce the brake noise problem can be achieved efficiently using existing experimental techniques and methodologies. The first step is to define the dynamic characteristics of the brake system in terms of noise generation, identifying the source and the mechanism of the audible noise emissions (Papinniemi et al., 2002) . Once these characteristics are understood, a suitable damping material to reduce a specific brake noise problem can be selected using experimental techniques and material damping knowledge.
This paper is concerned with describing the application of modal analysis tools and damping materials knowledge to select a suitable brake noise insulator to reduce the squeal noise problem. This methodology is applied to a particular brake system and the results obtained are presented. This approach is validated through new dynamometer tests, with the selected damping material applied to the brake system.
There are several categories of brake noise that are classified according to the frequency of noise occurrence. Basically, there are three general categories of brake noise: low frequency noise, low frequency squeal and high frequency squeal (Dunlap et al., 1999) . Low frequency disc brake noise is a problem that typically occurs in the frequency range between 100 and 1000 Hz. Typical examples of noise problems from this category are groan and moan noise. The generation mechanism of this kind of problem is the friction excitation at the rotor and lining material, which provides energy to the system. This energy is transmitted as a vibratory response through the brake assembly and couples with components of the suspension and chassis.
Although the low frequency noise is an important problem for certain types of brake systems, the most common and annoying problem is squeal noise (Dunlap et al, 1999) . Squeal is defined as a noise whose frequency content is 1000 Hz or higher that occurs when a system experiences very high amplitude mechanical vibrations. There are two theories that try to explain how this phenomenon occurs. The first one is called "stick-slip". According to this theory, squeal is a self-excited vibration of the brake system caused as a result of two factors: the static friction coefficient is greater than the sliding friction coefficient; the relationship between sliding friction coefficient f and relative sliding velocity V r is 0 V f r < δ δ . However, this theory cannot explain why the tendency of squeal is different when the same friction couple pair (rotor and pads) is used in different brake systems (Chung et al., 2001) . Therefore, a second theory, called "sprag-slip", was developed. It demonstrates that the self-excited vibration of the brake system and the high levels of vibration result from an improper selection of geometric parameters of the brake system. In this case, two system modes that are geometrically matched move closer in frequency as the friction coefficient increases. These two modes eventually couple at the same frequency and matching mode shapes, becoming unstable (Dihua and Dongying, 1998) . Both theories attribute the brake system vibration and consequent noise to variable friction forces at the pad-rotor interface. These variable friction forces introduce energy into the system. During the squeal event, the system is not able to dissipate part of this energy and the result is the high level in the amplitude of vibration. These two theories have been investigated and discussed by researchers, but previous brake squeal experience and the majority of research literature considers the geometric instability to be the major mechanism of generation of brake squeal (Abdelhamid et al., 2001) .
There are two types of brake squeal: low frequency and high frequency squeal. The difference between them is the mode shapes involved in the modal coupling mechanism. For the low frequency squeal, the modal coupling occurs between the out-of-plane modes of the rotor and bending modes of the brake pad. For the high frequency squeal, the modal coupling occurs between the in-plane modes of the rotor. The brake rotor is much stiffer in the in-plane direction than in the out-of-plane direction. Therefore, the resonance frequencies of the in-plane modes of the brake rotor are higher than those of the out-of-plane (bending) modes. Figure 1 shows the coupling possibilities between brake components. Typically, the high frequency squeal occurs for frequency ranges between 8 and 16 kHz, while low frequency squeal occurs between 1 and 7 kHz. Since the human ear is most sensitive to the frequency region between 1 and 4 kHz, the low frequency squeal is considered the most annoying type of brake noise.
For these reasons, this paper attempts to evaluate control methods for the low frequency squeal problem using damping materials, and also procedures for selecting an appropriate damping material to fix a particular problem of low frequency squeal in an existing disc brake system.
Characterization of Brake Noise Generation
Perhaps one of the most important pieces of information from brake systems is the characterization of the noise generation via dynamometer or vehicle testing. Tests on vehicles are very imprecise, because it is impossible to control the variables like velocity, brake pressure and temperature in order to produce results that represent the characteristics of brake noise generation. On the other hand, dynamometer tests allow us to approach the real behavior of a brake system in practice, controlling parameters such as rotation, braking pressure and temperature while recording the sound pressure level and frequency of noise occurrences. The disc rotation is achieved by electric motors connected to a shaft with inertial wheels, simulating the inertia effects of the vehicle. Figure 2 shows of the components of an inertial brake dynamometer. Measurements were taken for brake temperatures between 50 and 300 ºC. The braking pressure varied from 5 to 40 bar. The acquisition system stored the data of the brake events in blocks with the same temperature and pressure conditions, allowing a comparison between the different conditions to find regions of temperature and pressure where the noise occurs.
Each brake event lasts approximately 10 seconds. During this period, data were sampled in a certain number of autospectra of the microphone signal. The Sound Pressure Level (SPL) reported for each brake event is the maximum value measured among all autospectra. Figure 3 shows the results obtained for the baseline brake system, i.e, without any modification to its components. The dynamometer results show a strong noise frequency around 7 kHz, together with other peaks across the whole frequency range. However, the number of occurrences and the amplitude of the SPL peak indicate that the noise at 7 kHz is the most important problem in this particular brake system under investigation. Figure 4 shows a noise map obtained with the dynamometer test. It can be seen that the highest SPL peak occurs for a frequency around 7 kHz, for a temperature around 150 ºC and for a pressure of 25 bar. This kind of information is important to identify which class of noise problem is responsible for the high noise levels from the brake system. The next step is to determine the modal behavior of each brake component to verify whether any component has a resonance frequency near 7 kHz, and more importantly, to detect potential modal couplings between them. Therefore, a modal analysis procedure is applied for each component, i.e, rotor, pads and caliper, and the natural frequencies and mode shapes of these components are obtained.
Characterization of the Dynamics of Brake Components
Squeal noise occurs only when the brake system components demonstrate resonance vibrations (Boss and Balvedi, 2001) . Therefore, it is very important to determine the modal behavior of the components to understand the problem.
Modal analysis of individual components allows us to gain an insight into potential coupling modes, which is, as mentioned before, one of the causes of squeal noise generation. In order to obtain the modal parameters of brake components, each one is modeled through a mathematical mesh to represent its geometry.
Pad, rotor and caliper Frequency Response Functions (FRF´s) were measured by exciting each component with an impact hammer and measuring the acceleration response with a small accelerometer. Then, the FRF´s were processed by CADA-X software in order to identify the modal parameters, i.e, resonance frequencies, modal shapes and damping values.
Modal Analysis of Brake Pads
The modal analysis of brake pads is perhaps the most important process to understand in order to find solutions for the disc brake noise problem. Some properties like loss factor, natural frequencies and mode shapes of brake pads are crucial in defining which type of brake noise problem may occur.
The brake pad was supported by two slender cables in order to simulate a free-free boundary condition. The free-free condition allows the structure to vibrate without interference from other parts, making the visualization easier of mode shapes associated with each natural frequency. Moreover, in this case, the rigid body oscillation frequency of the assembly (suspended pads) is much lower than the first natural frequency of the structure (pad). For instance, the assembly rigid body frequency is around 5 Hz, while the first natural frequency of the brake pad occurs around 2600 Hz. The excitation was provided by a small impact hammer (PCB 086D02), with sensitivity of 22 mV/N and with a hard tip to achieve frequencies up to 16 kHz (see Figure 5 ). In order to avoid errors due to the effect of transducers in the dynamic properties of the brake pads (additional mass), a light small accelerometer (PCB 352B10), with sensitivity of 10 mV/g, was used to obtain the acceleration response. The accelerometer was kept at a fixed point (see Figure 6 ) and the excitation was applied at all points (roving method). The analysis was carried with 4096 data points, 16384 kHz of maximum frequency and frequency resolution of 4 Hz. An exponential time weighting function (window) was used for the response signal (5% decay and damping correction) and a transient window was used for the force signal. The modal parameters were extracted using the time domain method (least squares complex). Figure 7 shows the mode shapes and Table 1 presents the resonance frequencies and the damping loss factors obtained for the brake pad. The mode shapes for the brake pad are very similar to bending and twisting modes of beams. The pad length is longer than the width. As a consequence, the bending modes along the longer edge occur first. From the modal coupling point of view, the bending modes are more important than the twisting modes. In most cases, the modal coupling occurs between pad and disc bending modes, since the disc does not have a defined shape for twisting modes. 
Modal Analysis of Disc
In the same way as that for the brake pad, the modal analysis of the disc was carried out. The mesh was constructed with 111 points to avoid space aliasing. During the measurements, the rotor was supported by a foam block, in order to simulate a free-free boundary condition. Experiments show that analysis with fixed boundary conditions, i.e, disc fixed on the brake knuckle by bolts, generates mode shapes very close in form to the mode shapes obtained for the rotor in the free-free condition.
The disc mesh represents only the border, because the disc hat and bolt area can be considered without influence on the coupling mechanism. Furthermore, the mode shapes found for these regions are located at high frequencies, beyond the frequency range of interest for the analysis of potential coupling modes. Figure 8 shows the modal shapes and Table 2 presents the natural frequencies and damping loss factors obtained for the brake disc in normal direction. The excitation was provided by an impact hammer in the normal direction. For this reason only the bending modes were obtained by this modal analysis. To obtain the modal parameters in the tangential direction, a new procedure is necessary. However, this paper addresses only modal coupling in the normal direction, i.e., between bending modes of the disc and pads, which, for the purpose of this study, is sufficient. For this case, a modal analysis in normal direction is enough.
The pad presents less vibration modes than the disc, over the same frequency range. Furthermore, the damping loss factor values associated with the pad vibration modes are higher than those of the rotor, because the friction material provides considerably more damping than the cast steel used in the disc. As a consequence, there is a tendency for the disc modes to be the major determinant of the squeal frequency. As mentioned before, squeal noise usually occurs whenever a number of brake components, such as pad and disc, start to vibrate together, creating a coupled system mode. Considering the bending modes coupling, when the components have the same wavelength and frequency, they will be geometrically matched and will vibrate in phase (Fieldhouse, 1999) . In this case, the friction damping is minimized and the system works as a loudspeaker, radiating sound.
Analyzing the results obtained with the modal analysis of brake components together with their geometry, it can be noticed that the third bending mode of the brake pad and the sixth bending mode of the disc can couple and create a system mode. The third bending mode of the pad has a resonance frequency around 6650 Hz, while the disc resonance occurs at 7320 Hz for the sixth bending mode. The wavelength for the pad mode is approximately 100 mm and for the disc is 112 mm, considering these two bending modes, as shown in Figure 9 . Thus, there is a wavelength coincidence between pad and disc in this situation, leading to the appearance of a coupled mode. Figure  10 shows an overlap between third pad bending mode and the sixth disc bending mode. 
Behavior of Brake Components Under Pressure
It should be noticed that the resonance frequency of the two modes involved in the potential coupling is slightly different. However, when the brake system works under pressure and temperature, the dynamics of the brake components are changed significantly. This behavior is more pronounced for the pad than for the disc, because of the friction material. The disc is made of cast iron while the brake pad has a significant proportion of friction material, which can be compressed by the brake pressure. Due to this compression, the stiffness of the pad is increased, moving the resonances to higher frequencies. On the other hand, the brake pressure has little influence over the disc. Therefore, the resonance frequencies of these two components change at different rates when brake pressure is applied (Triches et al., 2002) , as shown in Figure  12 . As a consequence, for high pressures, the third bending mode of the pad and the sixth bending mode of the rotor can start do vibrate together in a coupled mode. This fact is in accordance with Figure 4 , which shows noise occurrence at higher pressures.
The effect of the braking pressure can be analyzed in terms of standing and traveling waves on the brake rotor. For the system here analyzed, at low pressures, rotor and pads are barely in contact. As contact pressure increases, the vibration amplitude peaks (on the mode shape) start to move with respect to the pads. In this case, there is a traveling wave in the disc. At high pressures, rotor and pad modes start vibrating in phase. In this situation, the anti-nodes no longer rotate, but remain in the same position along the rotor diameter, characterizing a standing wave.
Behavior of Brake Components in Relation to Temperature
Temperature has an effect similar to pressure. However, an increase in temperature causes a reduction in the stiffness of brake components. As a result, the resonance frequency of the brake components tends to decrease. In the same way as that for brake pressure, the effect of temperature is more important for the brake pad, again due to the presence of friction material. Figure 13 shows this effect for the brake pad resonance frequencies, considering the first and second bending modes. For high temperatures, the third bending mode of the pad and the sixth bending mode of the disc tend to mismatch. Consequently, the modal coupling between these two modes doesn't occur and squeal noise is not radiated. This also fact conforms with Figure 4 , which shows that the high sound pressure levels appear for low temperatures and for high pressures.
Once the squeal noise mechanism is identified and the vibration modes involved in the problem are detected, noise control possibilities can be tested.
Constrained Layer Material
Low frequency brake squeal noise is due to the coupling between the bending modes of vibration of the disc and the pad. When the two components, disc and pad, start to vibrate together, the system damping for that specific system resonance is reduced, since the joint damping between pad and disc decreases (Balvedi et al., 2002) . As a consequence, the friction forces may introduce more energy into the system than it can dissipate. This class of squeal noise can be avoided with adequate design of the components, keeping the resonances apart. For this, changes in the geometry of the pad, like chamfers and slots, or changes in the mechanical properties of the components (stiffness, mass) can avoid possible modal couplings.
Nevertheless, the modal coupling mechanism is also influenced by the boundary conditions of the system, especially braking pressure and temperature, as mentioned before.
One can conclude that, even with changes in the geometry of the pad, pressure and temperature may contribute to the coupling of the same modes in a different boundary condition. Even more likely, modes formerly uncoupled may have closer frequencies and matched wavelengths, generating squeal at a different frequency.
In summary, modifications in geometry and material properties are not always effective to control this category of squeal noise. If the system generates more energy than can be dissipated, increasing the system damping can control the noise radiated. This additional damping can be obtained using constrained layer damping materials (called insulators). Brake noise insulators consist of a sandwich of two steel plates separated by a viscoelastic or a rubber core, as seen in Figure 14 , and its application to control brake noise has become one of the most efficient solutions. The insulator is very thin and it is bonded or mechanically attached to the pad backplate.
When the pad vibrates in the bending modes, a constrained layer material with a viscoelastic core bonded onto the pad backplate is submitted to mechanical deformations, converting part of the energy into heat by shear damping (Reddy, 1997) , reducing the vibration amplitude of the component (see Figure 15 ). As previously stated, due to the behavior of friction material, brake pressure and temperature have a great influence on the characterization of the pad vibration modes and on its natural frequencies (Triches et al., 2002) . So, for a brake system, the occurrence of squeal is a variable dependent on these two parameters. Other important point is that the viscoelastic or rubber material, which is used in the constrained layer, also has properties highly dependent on pressure, temperature and frequency. Young's Storage Modulus characteristically decreases with an increase in temperature, while the loss factor reaches its maximum value at the transition temperature (Ungar et al., 1972) , as shown in Figure 16 . Frequency can have different effects, depending on the temperature region studied. In general, the loss factor tends to be proportional to frequency in the rubbery region, reach its maximum value in the transition region and tends to be inversely proportional to frequency in the glassy region. Pressure affects the phenomena of relaxation and recovery of the chains of polymers, changing the dynamic behavior of the viscoelastic materials. Therefore, the suitable damping material selected must be appropriate for the conditions under which squeal occurs.
Glassy Region
Transition Region Rubbery Region Considering the dynamometer tests, for the particular brake system here analyzed, squeal noise occurs at a frequency around 7000 Hz, and within temperature and pressure ranges of 150 -175 °C and 25 -30 bar, respectively. Therefore, the proposed insulator must have a good performance under these conditions.
Selection of Insulators
The classical method for selecting an insulator to reduce the squeal noise problem is the simulation of the brake event in an inertial dynamometer. A set of insulators is tested and the results are analyzed. The insulator which presents the best noise reduction is chosen. However, this method is very expensive and time consuming. Besides that, it doesn't provide an insight into the mechanism of squeal noise generation. This paper presents a methodology for selecting an insulator based on modal screening. The proposed methodology reduces the insulator selection time significantly and allows for an optimum use of the brake dynamometer to validate selected insulators. Hence, the dynamometer is used only to validate the insulator selected by the modal screening method, saving time and reducing costs.
Knowing the characteristics of the squeal problem (frequency, temperature and pressure at which the noise occurs), the brake insulator can be selected through the dynamics of the brake components.
The purpose of brake shims is to add damping to the brake pad and, consequently, to the whole brake system. Therefore, the capacity of an insulator to add damping can be evaluated through mobility measurements on the brake pad, for a range of temperature. For this, different types of insulators were bonded to the pads and measurements of Frequency Response Functions (FRF's) were carried out inside an oven, to evaluate the changes in loss factor.
As previously shown, the modal coupling responsible for the squeal noise generation occurs between the third bending mode of the pad and the sixth bending mode of the disc. Thus, the loss factor was evaluated for the third bending mode of the pad, for different types of insulators. In order to get the loss factor, point mobility functions were measured for a range of temperature between 75 and 300 °C. Figure 17 shows the results obtained for the pad loss factor of four types of insulators, evaluated for the third bending mode of the pad. Notice that for temperatures around 150 °C insulator # 2 shows the best performance in terms of loss factor added to the brake pad. However, the capacity of the insulators to add damping to the whole system also needs to be verified. Thus, frequency response functions of the assembled system were measured, evaluating the dynamic properties of the system resonance, around the frequency of the sixth disc bending mode. Frequency and, more importantly, damping of this mode were measured as a function of brake pressure. This approach allows the analysis of the performance of the insulator under different boundary conditions of the brake system.
Analysis of Assembled Brake System
The frequency response analysis of the assembled brake system was performed for a determined range of brake pressure. This technique allows the quantifying of the damping of the system at the critical mode for each insulator configuration. This test provides the level of damping in the system and effect on the noise problem.
The technique consists of measuring frequency response functions at points of disc and external pad, exciting the disc using an impact hammer. In this experimental method, the disc remains static. As a consequence, the friction mechanism was not taken into account. Thus, the input energy introduced by the friction between pad and disc is replaced by the excitation provided by the impact hammer. This is a simplification, because in real systems the excitation is not kept constant but varies as a function of the boundary conditions of the brake system. However, since the excitation provided by the frictional contact between rotor and pads has a broadband feature, the point force provided by the impact hammer can be used to represent the behavior of the input excitation energy (McDaniel et al., 1999) .
This technique allows the measurement of the system damping considering exclusively the mode coupling phenomena. Figure 18 shows a sketch of the test setups. In this way, having determined the main modes responsible for the squeal noise generation, the system loss factor can be evaluated for different shim configurations. Moreover, quantifying the system loss factor makes it possible to predict the potential for squeal occurrence and which shim fits better for a specific problem.
The point frequency responses for the disc were taken at the same position for all measurements and for different lining pressures, in steps of about 25 Psi and at room temperature. Figure  19 shows a waterfall plot of the frequency response functions for the baseline system, without noise insulators. Observe that the resonance frequency (7200 Hz) occurs in the vicinity of the squeal frequency measured in the dynamometer. Notice also that the assembled brake system with pads in the baseline condition has a system loss factor, for the mode of interest, in the order of 0.01, which is considered low.
At very low pressures, disc and pads are barely touching and the measured system damping is similar to the damping of the sixth bending mode of the disc. As the pressure starts to increase, the disc comes into contact with the pads and the system damping starts to increase (friction damping). However, as the pressure continues to increase, the resonance frequency of the pad increases at a higher rate than that of the disc until both modes couple and the components start to vibrate together in the same deformation pattern. In the pressure range within which disc and pad start vibrating in-phase, the system mode frequency moves down. In this case, the system rigidity is reduced, since pads are now vibrating inphase with the disc and the most dominant effect is the pads adding mass to the system mode. After that, for high pressures, the system damping is dramatically reduced and the vibration amplitude increases. This behavior is shown in Figure 20 .
Under the described conditions, it is necessary to increase the system damping to avoid the squeal noise radiation. With this purpose, insulator # 2 was bonded to the pad backplate and the aforementioned procedure was repeated.
With insulator #2, the system loss factor increases (see Figure  20 ) and the amplitude of vibration decreases, as shown in Figure 21 .
A significant gain in the system damping can be seen when noise insulators are used, mainly in the pressure range where the modal coupling occurs. For high pressures, the damping loss factor had its value multiplied by three. Besides this, it is important to remember that the frequency response measurements were carried out at room temperature, while insulator # 2 shows the best performance around 150 °C. Therefore, for the brake system analyzed here, insulator #2 would be the best choice. To confirm the performance of the selected insulator, new dynamometer tests were performed. The results are shown in Figure 22 , which illustrates that the noise at the frequency around 7 kHz has lower amplitude than that for the baseline condition, when the brake system has no noise insulators. Furthermore, the number of noisy stops for the brake system using noise insulators was much lower than for the baseline brake system, as shown in Figure 23 . In summary, a suitable noise insulator for a particular brake system was selected using two dynamometer tests. Furthermore, the modal screening method allowed gaining an insight into the mechanism of squeal noise generation.
Conclusions
Despite a century of developing disc brake systems, disc brake squeal remains a largely unresolved problem. This is not to say, however, that no progress has been made. Many experimental and analytical studies have led to insight on the factors contributing to brake squeal or to the amelioration of squeal in disc brakes of a specific type or in a particular make and model of automobile. Experimental studies have accumulated a wealth of information about the nature of squeal, the vibration modes therein, the wear of brake components and frictional interactions in brakes.
The design of modifications to a given brake system to control noise has too often been regarded as a "cut and paste or trial and error" procedure, where the effects of a huge matrix of modifications is experimentally evaluated on a structure. This approach is sometimes successful but always expensive and time consuming. Often, no knowledge is gained even if a solution is found.
The presented methodology proposes only two dynamometer tests. The first test has the purpose of characterize the system, finding sound pressure level maps (contour plots, showed in Figures  22 and 4) . The final test is carried out just to validate de selected insulator. Through the initial dynamometer test, it was verified that squeal noise occurs in discrete tones, indicating the dependency of the coupling modes of the brake components on the determination of the squeal frequency. Dynamometer results also showed some variation on the squeal noise frequency. This was attributed to the strong dependency of the system braking parameters to the operating boundary conditions of the brake system, especially braking pressure and temperature. This phenomenon was also seen during the static system frequency response measurements, where the third bending mode of the pad and sixty bending mode of the disc, originally separated by 760 Hz, moved closer as function of braking pressure.
The modes involved in the coupling mechanism were pointed out through modal analysis and frequency response function measurements. Together with the information provided by the initial dynamometer test, this experimental procedure could be applied as an effective tool for selecting damping materials to fix a specific problem.
The application of constrained layer materials to add damping to the brake system can be considered as an efficient solution to reduce the squeal noise problem. The final dynamometer test showed reductions about 20 dB for some frequencies, in the case of the system using the selected insulators. However, the selection of the insulator is not a straightforward procedure and must take into account the effects of temperature and brake pressure.
To avoid excessive time consumption with extensive dynamometer tests (trial and error procedure), the use of modal analysis and frequency response function measurements is recommended, since its effectiveness was demonstrated by the procedures shown in this paper.
